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Abstract 

Fluid flow and heat transfer over four row circular finned-tube heat exchangers with staggered arrangement are 
studied experimentally and numerically. Two types of finned-tube configurations have been investigated under the dry 
and wet conditions for different values of inlet frontal velocity ranging from 1 to 6 m SK’. The experimental results 
indicated that the sensible Colburn factor, J,, and for the friction factor,& the wet coils are, respectively 20% and 15% 
higher than that for the dry coils. The three-dimensional numerical results of laminar model for the dry coils are also 
presented. Conjugate convective heat transfer in the flow field and heat conduction in the circular fins are considered 
also. The numerical results for the streamline, isotherm, Nusselt number and fin efficiency are shown and compared 
with the experiments. 0 1988 Elsevier Science Ltd. All rights reserved. 

Nomenclature 
A, frontal area [m’] 
A 

CP 
f 
G 
h 
h 

h., 
hs 

j 

total heat transfer area [m’] 
specific heat of the fluid [kJ kg-’ ‘C-‘1 

friction factor 

IS 

Jt 

mass velocity [kg mm2 * SC’] 
local heat transfer coefficient [w m-* ‘C-‘1 
average heat tran,sfer coefficient w mm2 ‘C’] 
mass transfer coefficient [kg m-‘1 
sensible transfer (coefficient [w mm2 oC-‘] 

Colburn factor for dry coil, j = & Przi3 
h, sensible Colburn factor for wet coi!, j, = K ZV3 

P 
mass transfer Colburn factor for wet coil, 

j, = $sc2i3 

k thermal conductivity [w m-’ ‘C-‘1 
KR thermal conductivity ratio of fin to the fluid [k,/kr] 
Nu local Nusselt nu.mber, NU = h * H/k - 
Nu(0) average Nusselt number on the fin surface along 
the radial direction 

* Corresponding author. 

Pr Prandtl number 
H fin spacing [mm] 
AP pressure drop [Pa] 
q” heat flux [w m-‘1 
ReH Reynolds number based on fin spacing, 
Re, = w,H/v 
SC Schmidt number 
T temperature [“Cl 
T,, inlet temperature [“Cl 
Vi, U, dimensionless velocity vectors 
win frontal velocity [m s-‘I. 

Greek symbols 
p density [kg mm31 
qr fin efficiency 
v kinematic viscosity [m’ s-l] 
Q d = A,/A 
0 dimensionless temperature, 
@ = U’- T,,)I(T,-- T,,). 

Subscripts 
f fluid region 
i inlet 
m average 
0 outlet 
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s solid fin region 
w wall. 

1. Introduction 

The reported thermal-hydraulic performance data of 
the circular finned-tube heat exchangers were exper- 
imental in nature. A substantial amount of performance 
data on the dry coils has been published. Webb [l] pro- 
vides a survey of the published data and correlations. He 
recommended the Briggs and Young [2] correlation for 
heat transfer, and the Robinson and Briggs [3] cor- 
relation for pressure drop. Both correlations are valid 
for four or more tube rows. Recently, Idem et al. [4-51 
reported the convective heat and mass transfer 
coefficients and friction factor for a circular finned-tube 
heat exchanger with in-lined arrangement under the dry 
and wet operation conditions. 

There have been a number of numerical studies on the 
thermal-hydraulic characteristics for three-dimensional 
plate-fin tube heat exchangers under the dry conditions. 
Yamashita et al. [6-71 used a fundamental model, con- 
sisting of a pair of parallel plates with a square cylinder 
perpendicular to flow through the plates, to simulate 
plate-fins and a tube. Three-dimensional numerical com- 
putation was performed by Matsubara et al. [8] for the 
developing region of flow and thermal fields in an intern- 
ally rectangular finned channel. Bastani et al. [9] 
employed one circular tube as the computation domain 
and assumed that the flow was fully developed with per- 
iodic boundary condition to simulate the heat and flow 
field of in-lined plate-fin tube arrays. The numerical and 
experimental studies of three-dimensional laminar flow 
and heat transfer in multi-row (l-6) plate-fin and wavy- 
fin tube heat exchangers are examined by Jang et al. 
[lo] and Jang and Chen [l 11, respectively, with whole 
computational domain (l-6 rows) from the fluid inlet to 
outlet solved directly. All of the works mentioned above 
are based on the assumption that the fin temperatures 
are isothermal, which would be true only when the fin 
conductivity is very large. As the fin conductivity is finite, 
heat transfer in finned-tube heat exchanger is a conjugate 
problem, requiring computation of three-dimensional 
flow and temperature field and heat conduction in the 
fin. Conjugate heat transfer for a plate-fin tube heat 
exchanger was recently investigated by Fiebig et al. [12]. 
It could be noted that the corresponding problem for a 
circular-fin tube heat exchanger, to the author’s knowl- 
edge, does not seem to have been investigated. 

No related experimental work on the circular finned- 
tube heat exchangers with staggered arrangement under 
the wet condition has been published. This has motivated 
the present investigation. Experiments were conducted in 
a steady-state induced draft wind tunnel. In addition, 
numerical simulations of the laminar, three-dimensional 

fluid flow and heat transfer over the 4-row dry circular 
finned-tube banks are performed. Conjugate convective 
heat transfer in the how field and heat conduction in the 
circular fins are considered also. The numerical results 
for the streamline, isotherm, Nusselt number and fin 
efficiency are compared with the experiments. 

2. Experimental set-up and data reduction 

Two types of finned-tube configurations were tested 
and their detailed geometrical parameters are tabulated 
in Table 1. Experiments were conducted in an induced 
open wind tunnel as shown in Fig. 1. The ambient tem- 
perature and humidity were controlled at 27°C and 70% 
by an air-ventilator which can provide a cooling capacity 
up to 21.2 kW. The air flow was driven by a 3.73 kW 
centrifugal fan with an inverter to provide various inlet 
velocities. The air temperatures at the inlet and exit zones 
across the test section were measured by two psycho- 
metric boxes which are constructed based on ASHRAE 
41.1 standard [ 131. The pressure of the test coil is detected 
by a precision differential pressure transducer, readings 
to 0.1 Pa. The air flow measuring station is an outlet 
chamber setup with multiple nozzle based on the 
ASHRAE 41.2 [14]. 

The working medium in the tube side was hot or chilled 
water. The water temperature was controlled by a ther- 
mostat reservoir. In dry conditions, the hot water inlet 
temperature was controlled at 75°C; in wet condition, 
the chilled water was controlled at 7°C. Both the water 
side inlet and outlet temperatures were measured by two 
precalibrated RTDs (pt-lOOS2). Their accuracy was 
within 0.05”C. The water volumetric flow rate was 
measured by a magnetic volume flow meter with 0.002 1 
ss’ resolution. All the data signals were collected and 
converted by a data acquisition system (a hybrid 
recorder). The data acquisition system then transmitted 
the converted signals through GPIB interface to the host 
computer for further operation. Generally, the energy 
balance between air side and tube side was 3% for dry 
coils and 7% for wet coils. To obtain the average heat 
transfer coefficients h for the dry coils and the sensible 
heat transfer coefficient h, and mass transfer coefficient 
h, for the wet coils from the measured experimental data, 
the E-NTU (effectiveness-number of transfer unit) 
method was used for the dry coils and LMHD (log mean 
enthalpy difference) method was applied for the wet coils. 
The water side resistance was estimated to be less than 
10% of the overall heat resistance. Noting that the wall 
resistance was negligible, the dominant thermal resistance 
was always on the air side. This may resolve any concern 
about the magnitude and accuracy of the water side that 
is being subtracted from the overall resistance. 

The heat and mass transfer characteristics of the heat 



J.-Y. Jang et aLlInt. J. Heat Transfer 41 (1998) 3321-3337 3323 

Table 1 
Heat exchangers geometrical data 

Sample A Sample B 

Inside diameter Di (mm) 14.8 23.2 
Outside diameter D, (mm) 19.1 21 
Fin outer diameter D, (mm) 43 41 
Fin height s (mm) 12 7 
Fin thickness 6 (mm) 0.4 0.5 
Fin spacing H (mm) 3.4 3.5 
Transverse pitch X, (mm) 63 42 
Longitudinal pitch X, (mm) 54.6 37 
Hydraulic diameter D, (mm) 11.4 6.5 
Tube numbers 24 24 
Pass numbers 4 4 
HX length (mm) 400 400 
HX width (mm) 266 148 
HX hIeight (mm) 350 280 
Tube material Carbon steel Carbon steel 
Fin material Carbon steel Carbon steel 

DO 

II Di 

GAS FLOW 

-> 

e3 
c_______\ 

c3 a 
Fig. 1. Schematic diagram of the experimental set-up. 
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exchangers are presented in the following non- 
dimensional groups : 
Colburn factorj for dry coil 

sensible Colburn factor J, for wet coil 

mass transfer Colburn factor Jt for wet coil 

Here, G is the mass velocity, cp is the specific heat of the 
fluid, Pr and SC are the Prandtl and Schmidt numbers, 
respectively. All the fluid properties are evaluated at the 
average values of the inlet and outlet temperatures. 

The core friction factor f of the heat exchanger is cal- 
culated from the pressure drop equation proposed by 
Kay and London [15], including the entrance and exit 
pressure loss coefficient KC and &. 

-(K,il-o)+E(l-C-K.) 1 (4) 

Uncertainties in the reported experimental values of J, 
J,, mass transfer Colburn factor Jt and friction factor ft 
as estimated by the method suggested by Moffat [16], 
range from 4% to 7%. 

3. Three-dimensional mathematical analysis 

3.1. Governing equations 

The fluid is considered incompressible with constant 
properties and the flow is assumed to be laminar, steady, 
and no viscous dissipation. The dimensionless equations 
for continuity, momentum and energy in the fluid air 
region may be expressed in tensor form as : 

3_ 
ax, -O 

The energy heat conduction equation for the solid fin 
region will be 

v20, = 0 (8) 

Here, the velocity has been nondimensionalized with the 
uniform inlet velocity win at the channel inlet; all the 
length coordinates with the fin spacing H; the pressure 

normalized with pwk ; the dimensionless temperature is 
defined as 0 = (T- q,)/(TW - T,,) and the Reynolds 
number is ReH = w,; H/v. 

3.2. Boundary conditions 

Because the governing equations are elliptic in spatial 
coordinates, the boundary conditions are required for all 
boundaries of the computation domain. At the upstream 
boundary, uniform flow with the velocity w,,k and tem- 
perature T,, (= 300 K) are assumed. At the downstream 
end of the computational domain, located seven tube 
diameters from the last downstream row tube, streamwise 
gradient (Neumann boundary conditions) for all vari- 
ables are set to zero. At the symmetry planes normal 
gradients are equal to zero. At the solid surfaces, no-slip 
conditions for the velocity are specified. In addition, at 
the fin surface 

Equation (9) represents the condition of continuity of 
temperature and heat flux on the fin surface, where 
KR = k,/kf is the thermal conductivity ratio of the fin to 
the fluid. At tube surface, constant wall temperature T, 
(= 350 K) are assumed. 

&=O,= 1. (10) 

3.3. Nusselt number andjn efjciency 

The local heat transfer coefficient h is defined as 

h=L 
T,-T, 

(11) 

where q” is the local heat flux and Tb is the local bulk 
mean temperature of the fluid. The local heat transfer 
coefficient can be expressed in the dimensionless form by 
the Nusselt number Nu, defined as : 

r0-l 

(12) 

where Ob = (T,, - T,n)/(Tw - T,,) is the local dimensionless 
bulk mean temperature and n is the dimensionless unit 
vector normal to the wall. 

The fin efficiency Q is defined as 

(Qdactua, IS jq” (y, 4 dv d&n= T, 

‘l’ = (Qdmaxtmum = [~jq”(y> 4 dy d&n=+constant (13) 

4. Numerical method 

The body-fitted coordinate along with multi-block sys- 
tem was used to generate a general curvilinear coordinate 
system numerically by solving Laplace equations with 



J.-Y. Jang et aLlInt. J. Heat Transfer 41 (1998) 3321-3337 3325 

proper control of grid densities. The governing equations 
are solved numerically using a control volume based finite 
difference formulation. The SIMPLEC algorithm [ 171 is 
used to solve iteratively the system of finite-difference 
equations. The hybrid scheme is employed for the treat- 
ment of convection :and diffusion terms. A grid system of 
15 x 19 x 200 grid psints for sample A is adopted in the 
computation domain as shown in Fig. 2, while 
9 x 11 x 152 grid points are used for sample B. However, 
a careful check for grid-independence of numerical sol- 
utions has been made for the accuracy and validity of the 
numerical results. For this purpose, three different grid 
systems, 16x21~219, 15x19~200, 13x17~179 for 
sampleA11x13xl96,9x1lxl52,7x9x108forsam- 
ple B, are tested. It is found that for w,, = 2 m s-‘, the 
relative errors in the local pressure and temperature are 
less than 1%. Computations were performed on IBM/ 
RS6000 and typical CPU times are 4-l 1 h for each case. 

5. Results and discussions 

Experimental results of thermal-hydraulic charac- 
teristics for the samples A and B under the dry and wet 

operations are illustrated in Figs. 3-6. Figures 3 and 4 
present the variation of the Colburnj factor and sensible 
Colburn J, factor with the Reynolds number Re for the 
dry and wet coils, respectively. Also plotted in the figures 
for the comparison are the correlations developed by 
Briggs and Young [2] for the dry staggered coils and 
Idem et al. [4] for the wet coils, which is under the in- 
lined arrangement. The present dry coil results are in 
good agreement with those of the Briggs and Young [2], 
while for the wet coils, the correlation developed by Idem 
et al. [4] is 3&50% lower than that of the present exper- 
imental results. By comparing Figs. 3 and 4, it can be 
seen that the sensible Colburn factor J, for the wet coils 
is 20% higher than the j factor for the dry coils. The 
variation of the mass transfer Colburn j, factor with the 
Reynolds number is illustrated in Fig. 5. Again, the jt 
value for the in-lined arrangement [4] is 5&100% smaller 
than that for the staggered arrangement. Figure 6 shows 
the dry and wet friction factorfvs Re for samples A and 
B. It is noted that the dry friction correlation obtained 
by Robinson and Briggs [3] is also illustrated in the figure. 
It is seen that friction factor f for the wet coils is 15% 
higher than that for the dry coils. The correlation of Idem 
et al. [4] for the in-lined arrangement is significantly lower 

x (ix) 
et 

k 
z (iz) 

y (iy) 

Block 1 : ix=l-15, iy=l-19, iz=l-200 
Block2,3,4,5:ix=l-lS,iy=l-19,iz=l-52 

Original point 

: ix=l-9, iy=l-11, iz=l-152 
Block 2,3,4, 5 : ix=l-9, iy=l-11, iz=l-36 

Fig. 2. Computational grid system for samples A and B 
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00~00 sample A 
0 ~~64 sample B 

Briggs & Young for sample A 
_-- Briggs & Young for sample B 

Fig. 3. The variations ofj factors with Re for the dry coils. 
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Fig. 4. The variations of jS factor with Re for the wet coils 
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Fig. 5. The variations ofj, factor with Re for the wet coils. 
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Fig. 6. The dry and wet friction factors f vs Re. 
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T(K) ‘: .I s (“, 

.E.k.<i,” 
I,:$ 

:.&. 
300 306.522 313.043 3 19.565 326.087 332.609 339.13 345.652 

(a) X = 0 

300 306.512 313.043 3 19.565 326.087 332.609 339. I3 345.652 

(b)X = 0.4 

Fig. 7. The streamline and isotherm patterns for sample A on the y-plane for w,, = 3 m SC’ at X = 0 (near the mid-plane) and X = 0.4 
(near fin surface). 
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300 306.522 313.043 3 19.565 326.087 332.609 339.13 345.652 

(a) X = 0 

-VW 
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Sk;. 
I ‘$ 

300 306.522 313.043 3 19.565 326.087 332.609 339.13 345.652 

(b)X = 0.4 

Fig. 8. The streamline and isotherm patterns for sample B on the y-plane for w,, = 3 m SK’ at X = 0 (near the mid-plane) and X = 0.4 
(near fin surface). 
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(b) fin 2(2nd row) 

(d) fin 4(4* row) 

Fig. 11. Ah(O) vs 0 from the 1 st to the 4th row for sample A 

than that of the present experimental results for the stag- 
gered arrangement. 

The numerical simulations of the three-dimensional 
laminar circular finned-tube bank under the dry con- 
dition are shown in Figs. 7-12. Figures 7 and 8 illustrate 
the streamline and isotherm patterns for samples A and 
B, respectively, on the yz-plane for the case with inlet 
frontal velocity w,, = 3ms-‘(Re,=671)atX=O(near 
the mid-plane between two fins) and X = 0.4 (near the fin 
surface). It is seen that the flow pattern and temperature 
contour on the yz plane near the mid-plane (X = 0) and 
near the fin surface (X = 0.4) are quite different. There is 
a smaller backflow zone at the rear of the tube near the 

fin surface ; while near the mid-plane, there is a larger 
recirculation zone behind the tube. It is also noted that 
the streamlines of sample B are more distorted compared 
to those of sample A. This is due to the fact that sample 
B has a larger tube outside diameter and smaller tube 
pitch, which results in a smaller hydraulic diameter based 
on the minimum free flow areas as shown in Table 1. 

The fin surface temperature contours from the 1st to 
4th row for samples A and B are shown in Figs. 9 and 
10, respectively. The angle 0 = 0 corresponds to the stag- 
nation point of each tube. The temperature distributions 
on the fin surfaces are significantly different from the 1st 
row to the 4th row; and for each fin, there is a larger 
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Fig. 12. Fin efficiency qf of the 1st row vs Wi,, for sample A and B. 
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temperature gradient along the radial direction near the 
stagnation point due to the thinner thermal boundary 
layer. In addition, from Table 1, sample A has a larger 
fin height (s = 12 mm) than sample B (s = 7 mm), thus 
the temperature gradients along radial direction for sam- 
ple A are larger compared to those of sample B as can be 
observed from the figures. 

The variations of the average Nusselt number Nu(B) 
on the fin surface, which is integrated along the radial 
direction r, i.e. Nu(0) = JNu(r,B) dr/jdr, around angle Q 
from the 1st to the 4th row for sample A are presented 
in Fig. 11. As would be expected, the Nu(B) decreases 
with increasing of 0 due to the growth of thermal bound- 
ary layer. As seen, the 2nd row fin has the highest peak 
value of Nu. The dashed lines appearing in the figures 
represent the results for the assumption of isothermal fin 
(i.e. k, = co). It is seen that the isothermal fin assumption 
overestimates the Nu(0) and the discrepancy becomes less 
as 0 increases. 

Figure 12 illustrates the variation of circular fin 
efficiency Q for the 1st row as function of the various 
inlet front velocity ranging from 1 to 5 m SC’ for sample 
A and B. The one-dimensional closed form solutions 
obtained by Schmidt [18] are also shown for the compari- 
son. As expected, the fin efficiency is decreased as the 
frontal velocity increases due to the increase of the aver- 
age heat transfer coefficient. A close look at Fig. 12 indi- 
cates that one dimensional approximation overestimates 
the fin efficiency and the error is increased as the fluid 
velocity increases. For win = 2 m SC’, the error is about 
2%, while for Win = 5 m s-l, the error is up to 6%. 

The calculated and measured pressure drop and aver- 
aged heat transfer coefficient for the dry coils at various 
inlet front velocity win ranging from 1 to 6 m SC’ are 
presented in Fig. 13(a) and (b), respectively. The solid 
lines represent the numerical results for the samples A 
and B ; while the experimental results are denoted by the 
triangular and square symbols, respectively. The dashed 
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Experimental (sample B) 

1.0 2.0 3.0 4.0 

Frontal Velocity (m/s) 
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1”“1”“1”“1”“1”“1. 
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*- 

ExpcrimenLal (sample A) 

h (W/mK) 

20.0 ” ” ” ’ ” ” ” ” ” ” ” ” ’ ” 
I.0 2.0 3.0 4.0 5.0 6.0 

Frontal Velocity (m/s) 

(b) 

Fig. 13. The calculated and measured AP and h for the dry coils vs w,.. 

lines denote the cases of isothermal fin approximation 
(i.e. k, = ox). It is seen that the isothermal fin approxi- 
mation overpredicts the heat transfer coefficient by about 
5535%. The numerical results for the pressure drop are 
in excellent agreement with the experimental data. 
Although both the calculated and experimental results of 
the average heat transfer coefficients are in the same order 
of magnitude, the numerical results overestimate the heat 
transfer coefficient by 20-30%. This may be due to the 
fact that, the actual boundary conditions for the tube 
surfaces in the experiment do not occur under the con- 
stant wall temperature. 

6. Conclusions 

Experimental measurements of thermal-hydraulic 
characteristics of circular finned-tube heat exchangers 
under the dry and wet operation conditions are presented. 
The sensible Colburn factor, J,, for the wet coils is 20% 
higher than that for the dry coils ; the friction factor, J 
for the wet coils is 15% higher than that for the dry coils. 
The numerical results of three-dimensional laminar flow 
and heat conduction in the fin for the dry coils are 
also performed, demonstrate that the one-dimensional 
approximation overestimates the fin efficiency and the 
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error is increased as the fluid velocity increases. It is also 
shown that isothermal fin approximation overpredicts 
the heat transfer coe:Bcient by about 5-394. The numeri- 
cal results of dry ~01.1s for the pressure drop are in excel- 
lent agreement with the experimental data. 
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